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The inlet and outlet duct geometry in an air to air compact heat exchanger is always irregular. A skewed
Z-type arrangement is popular between the impinging flow and the core. Such duct placements usually
lead to a non-uniform flow distribution on core surface. In this research, the flow maldistribution and
thermal performance deterioration in cross-flow air to air heat exchangers are investigated. The inlet
duct, the core and the outlet duct are combined together to calculate the flow distribution on core inlet
face. First, a CFD code is used to calculate the flow distribution, by treating the plate-fin core as a porous
media. Then a heat transfer model between the two air flows in the plate-fin channels is set up. Using the
flow distribution data predicted, the heat exchange effectiveness and the thermal performance deterio-
ration factor are calculated with finite difference scheme. Experiments are performed to validate the flow
distribution and heat transfer model. The results indicate that when the channel pitch is below 2.0 mm,
the flow distribution is quite homogeneous and the thermal deterioration due to flow maldistribution can
be neglected. However, when the channel pitch is larger than 2 mm, the maldistribution is quite large and
a 10-20% thermal deterioration factor could be found. The study proves that the inlet duct, the outlet
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duct, and the core should be coupled together to clarify flow maldistribution problems.
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1. Introduction

Air to air heat exchangers have been widely used in air condition-
ing industry for heat recovery from ventilation air. Fig. 1 shows the
schematic of a typical commercialized air to air heat exchanger-
the so called heat recovery ventilator. As seen, the whole exchanger
is composed of inlets, outlets, exchanger shells, separating plates,
and most importantly, the core. When installed, the exchanger core
is rotated 45° and inserted into the exchanger shell, forming two
parallel air ducts with the separating plates in the rectangular shell
box. Fresh air is sucked into the exchanger by a fan (not shown in the
figure) through the fresh air inlet. Exhaust air is sucked into the ex-
changer by another fan through the exhaust air inlet. The two air
streams are drawn through the exchanger core in a cross-flow
arrangement. The structure of the exchanger core is shown in
Fig. 2.1t is a plate-fin structure to have extended surfaces. The struc-
tures depicted by Figs. 1 and 2 are popular and typical, because they
are compact, easy in installation, replacement and maintenance.

Fluid flow and heat transfer in such an exchanger are of interests
to predict energy recovery efficiencies. The effectiveness-Number of
Transfer Units (e-NTU) method has been the most convenient meth-
odology to predict performance. Fluid flow and heat transferin a sin-
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gle core channel provides the basic transport data for effectiveness-
NTU methodology. There have been numerous investigations of the
heat transfer and fluid flow in a single plate-fin channel. Duct cross-
sections are the predominant factor influencing pressure drop and
heat transfer coefficients. Ducts of various crosssections like paral-
lel-plates, triangles, and sinusoidal shapes were calculated both
experimentally and numerically [1-7].

Even though a single core channel has been investigated in
detail, the fluid flow and heat transfer in a whole exchanger have
not been studied sufficiently. Considering the complex ducting
work inside a practical exchanger shell, it is anticipated that the
flow would undergo turnarounds, expansions and contractions,
which would finally lead to flow maldistribution across the core
face. However, almost all these previous studies concentrated only
on a representative single channel in the exchanger core, by
neglecting the real flow distribution in the whole exchanger. In
other words, a uniform flow distribution across the core face was
assumed. This is certainly a very ideal assumption which needs
further clarification.

The flow maldistribution effects have been well recognized and
presented for heat exchangers and cooling towers. For plate heat
exchangers, Bassiouny and Martin [8,9] analytically calculated
the axial velocity and pressure distribution in both the intake
and exhaust conduits of plate heat exchangers. One-dimensional
flow distribution for both the U-type and the Z-type arrangements
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Nomenclature

a half channel pitch (m)

A Area (m?)

b channel width (m)

1o specific heat (k] kg~! K™1)
Dy, hydrodynamic diameter (m)

f channel friction factor

G mass flow rate (kg/s)

h convective heat transfer coefficient (k Wm™—2 K1)
m mass flow rate (kgm=2s71)

n number of channels for each flow

NTU Number of Transfer Units

Nu Nusselt number

P pressure (Pa)

Re Reynolds number
S source term

T temperature (K)

Ug duct velocity (m/s)
Uu; face velocity (m/s)
Vv volumetric flow rate (m>/h)
X coordinate (m)

XE channel length (m)
y coordinate (m)

YF channel length (m)
z coordinate (m)

ZF core depth (m)

Greek letters

density (kg/m?)

effectiveness

flow nonuniformity

heat conductivity (Wm~! K1)
permeability (m?)

thermal performance deterioration factor
thickness (pum)

viscosity (kgm~'s™1)

fin conductance parameter

DR @A eH®OD

Superscripts
* dimensionless

Subscripts

air

exhaust air
fresh air
fins

inlet

mean
outlet
plate

'UOB""ED""(‘DQJ

are obtained. The flow maldistribution is due to flow branching
and the consequent momentum change. Based on their findings,
Rao et al. [10] further investigated the effect of flow distribution
to the channels on the thermal performance of a plate heat exchan-
ger. Dwivedi and Das [11] then studied the transient behavior of
plate heat exchangers with port to channel maldistribution. For
crossflow compact heat exchangers, Shah [12] studied the deterio-
ration of heat exchanger performance due to one-dimensional flow
non-uniformity. Ranganayakulu et al. [13] calculated the two-
dimensional flow distribution across the exchanger core after the
inlet duct. The flow maldistribution is generated by the velocity

profiles in the inlet ducts. Their effects on heat transfer were esti-
mated. Other studies involving modeling flow and heat transfer in
air to air heat exchangers include [14-18].

The aforementioned studies provided some insight into the
effects of inlet duct on flow maldistribution on core surface. How-
ever, there were some flaws in previous studies. First, the real inlet
duct geometry in the shell is much more irregular and complex. A
heat exchanger as shown in Fig. 1 is much more complex than an
ideal rectangular pipe as assumed in refs [8,9,13]. Second, the
incoming fluids impinge on the core surface with an angle, not in
normal directions. So the arrangement here is neither U-type nor

Exhaust air outlet [

Fresh air inlet-IE )

Fresh air outlet
) H S

H Exhaust air inlet

Core Exchanger shell

Separation plate

Vent

Fig. 1. Schematic of a cross-flow air to air heat exchanger.
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Fig. 2. Schematic of the heat exchanger core, with plate-fin structure.

Z-type, but a three-dimensional skewed Z-type. Third, previous
studies solved the velocity distribution in the inlet duct without
the coupling with the core. They separated the inlet duct from
the core and did not consider the effects of core when solving
the fluid fields in the inlet duct. In other words, the inverse effects
of core on flow distribution in the conduits were not reflected. This
may lead to unrealistic (or too ideal) flow distribution in the
exchanger, considering the strong interactions between the inlet
conduits, the core and the outlet conduits.

To have a more realistic and accurate analysis, a different
approach will be taken in this study. The flow maldistribution will
be calculated by selecting the whole exchanger as the domain. The
influences of inlet duct, the core and the outlet duct will be consid-
ered simultaneously. After the maldistribution of flow fields are
obtained, their effects on thermal performance of the heat exchan-
ger will be discussed.

2. Theoretical work
2.1. Flow maldistribution prediction

The fluid flow in the exchanger is numerically calculated. The
fresh air duct and the exhaust air duct are in symmetry. So only
the fresh air duct as shown in Fig. 3 is selected as the calculating do-
main. There have been several numerical studies concerning the
modeling of flow maldistribution in plate heat exchangers, on a
channel to channel basis [18-20]. However, due to the limit in com-

Inlet vent

Inlet duct

puter capacity and speed, the number of channels that can be mod-
eled directly is quite small. Miura et al. [14] modeled the flow
maldistribution in a simple 2 channel heat exchanger. Galeazzo
etal.[19] modeled the flow variations in a four channel heat exchan-
ger. Bansode et al. [20] modeled the flow distribution among four
proton exchange membrane cells. They are detailed enough to dis-
close local variations in a channel. However, a real core usually has
hundreds of channels. The large number of channels phases out
the direct simulation of flow on a channel to channel basis. To solve
this problem, this study simulates the core as a porous media, which
only permits one dimensional air flow along the channel length. The
methodology is reasonable, considering the small channel pitch
(1.5-5 mm) in the core. The honeycomb type core structure permits
the assumption of unmixed flow for both of the fluids, in other
words, cross or transverse mixing of fluids is not considered. When
modeling the fluid flow, heat transfer is not considered. In other
words, isothermal flow in one stream is considered.

Due to the complex geometry, a commercial CFD code is
employed. The computational grids are generated with the soft-
ware GAMBIT and the problem is numerically solved using the
finite volume method with the software FLUENT. The whole geom-
etry comprises of three parts: the inlet duct, the core and the outlet
duct. The geometrical properties are listed in Table 1. The geomet-
rical parameters are different. Air passes through inlet vent, inlet
duct, the core, outlet duct, and the outlet vent, consecutively. The
inlet duct and the outlet duct are air flow in a volume. The core
is treated as a porous media. The fluid domains are modeled with
air at room temperature. The boundary condition at the outlet vent
is the volumetric flow rate leaving the outlet vent surface. The
boundary condition at the inlet vent is “outflow”, which means a
zero axial variable gradients across the outlet vent surface. This
is because air is sucked inside from the inlet vent. Other surfaces
are defined as wall conditions, except the two core surfaces facing
and backing the air flow (surface x* =0 and 1). A laminar model is
used since air velocity inside the core is usually small, in the order
of 1 m/s. Second order discretization of all variables is employed,
and the simulation is considered converged when the residual of
all variables remained below 10~* and the mean inlet velocities
remained constant.

A view of the mesh structure can be seen in Fig. 4. They are
mixed structure meshes including both structured and unstruc-
tured meshes. The grid sensitivity of the results is checked compar-

Outlet vent

Outlet duct

Core

Fig. 3. The calculating domain for fresh air flow.
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Table 1

Structural and physical parameters of the two cores tested.

Symbol Unit Core A Core B
n 92 127
X, VF mm 185 185
ZF mm 460 460
Stins Op pm 100 100
finn Ap Wm~'K! 237 237
alb 0.4 0.4
2a mm 25 1.8
Dn mm 2.15 1.55
Ap m? 6.30 8.69
As, Ae m? 14.62 20.16
Q 450.3 450.3
Nu 2.12 2.12
feRe 44.8 448
Inlet/outlet duct length mm 262 262
Inlet/outlet vent diameter mm 60 60

ing the results of two grids with different refinement levels. The
coarse grids configurations have approximately 160,387 cells
(97,751 tetrahedral cells and 62,638 hexahedral cells), while the
fine grids have approximately 230,668 cells (102,355 tetrahedral
cells and 128,313 hexahedral cells). The mean absolute difference
between the results with the coarse and fine grids is below 1%.
As the results show negligible grid sensitivity, the coarse grid is
used in the rest of this work to speed up convergence.

The core is defined as a porous media. The porous media model
can be used for a wide variety of problems, including flows through
packed beds, filter papers, perforated plates, flow distributors, and
tube banks. The porous media model incorporates an empirically
determined flow resistance in a region of the model defined as
‘porous’. In essence, the porous media model is nothing more than
an added momentum sink in the governing momentum equations.
Porous media are modeled by the addition of a momentum source
term to the standard fluid flow equations. The source term is com-
posed of two parts, a viscous loss term (Darcy), and an inertial loss
term, as expressed as

3 3
1
Si :ZDijﬂUj+ZCij§p|uj|Uj (1)
=1 Jj=1
where S; is the source term for the ith (x, y, or z) momentum equa-

tion, and D and C are prescribed matrices. This momentum sink
contributes to the pressure gradient in the porous cell, creating a
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pressure drop that is proportional to the fluid velocity (or velocity
squared) in the cell.
To recover the case of simple homogeneous porous media

1
S =Lu+ G plufu @)

where « is the permeability and C, is the inertial resistance factor,
simply specify D and C as diagonal matrices with 1/o and C,, respec-
tively, on the diagonals (and zero for the other elements).

In laminar flows through porous media, the pressure drop is
typically proportional to velocity and the constant C, can be con-
sidered to be zero. Ignoring convective acceleration and diffusion,
the porous media model then reduces to Darcy’s Law. The pressure
drop across the channel can be calculated by

AP = HuAx (3)
04

where u; is the face velocity in the core (in x direction).
Based on the definition of friction factor for ducts [1,2], we have

Ax 1
AP = 5= 5 pUg )
Re — %Dh (5)

where u4 is velocity in ducts. It is twice the face velocity, because
half the core face is blocked and sealed for the other passage.

Ug = 2U; (6)
For fully developed laminar flow in ducts [1,2],
(f -Re) =G5 (7)

where C; is a constant for a given crosssection. For instance, Cs is 64
for round tube; 96 for parallel plates; 53.2 for isosceles triangular
duct with an aspect ratio of 0.5; 44.8 for sinusoidal duct with an as-
pect ratio of 0.4. The values of Cs for other duct crosssectional ducts
can be found in Ref. [1,2].
Substituting Eq. (4) through Eq. (7) to Eq. (3), the permeability
can be calculated by
D;
_~h 8
c ®)
As seen, when the core structure is known, its equivalent per-

meability can be evaluated by above equation. Its effects on flow
distribution can then be calculated. The value of 1/« can be input
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Fig. 4. The mesh generated for the CFD modeling.
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into the software directly. Since the fluid can only flow in the chan-
nel length direction (x), the permeability in other two directions
are set to infinitely small.

With the method described above, the fluid flow in the whole
exchanger can be calculated. The two dimensional velocity distri-
butions on the core face (x* = 0) can be predicted. The maldistribu-
tion can be analyzed with a definition of local flow nonuniformity
parameter as

m
b= ©)
where i1 is the actual local mass flow rate (kg m—2s~1), and ri,, is
the average mass flow rate across the core face. When the air is con-
sidered as incompressible fluid, the nonuniformity can be simply
calculated as the local to mean velocity ratio.

2.2. Heat transfer model in cores

After the flow distribution on the core face is known, the con-
vective heat transfer between the fresh air and the exhaust air
can be studied. To aid in the model set up, following assumptions
are made: (1) the flow distribution inside a channel is taken to be
uniform giving a ‘plug flow’ of fluid inside each channel. It can be
justified as the channel gap is small. (2) The flow in channels is
fully developed both hydradynamically and thermally. For fully
developed laminar flow in ducts with well conductive walls, the
Nusselt number is a constant once the crosssection is determined.
Therefore the convective heat transfer coefficient is also a constant.
(3) The plates are considered to be thin enough so that axial con-
duction in them in the direction of flow can be neglected. (4) The
thermophysical properties of the fluids are considered to be
independent of temperature and pressure.

A meso-scopic model is set up. Each channel crosssection is
represented by one temperature. The temperature varies along flow
directions (x for fresh air and y for exhaust air) and the correspond-
ing perpendicular directions (y for fresh air and x for exhaust air)
simultaneously. On each channel crosssection, though temperature
is two-dimensionally different locally, in this study for the whole ex-
changer, they are represented by a lumped parameter for each chan-
nel crosssection. It can be considered as a semi-lumped parameter
model. The two air streams, one hot (fresh air), and the other cool
(exhaust air), exchange heat in the exchanger in a cross-flow
arrangement. Two-dimensional heat transfer model can be set up
to govern the energy conservations in the two air streams [21]:

oT; -
= NTU¢(T ¢ — T¢) (10)
aT, " "
6y*e — NTUE(Tpe -T) (11)

where x is flow direction for fresh stream and y is flow direction for
exhaust stream. Certainly, since the local mass flow rate is variant
with both core height (y direction) and core depth (z direction),
the local number of transfer units are different from point to point
on the core surface.

The dimensionless temperature is defined by

T — T
T* — el 12
T — Te (12)
The dimensionless coordinates are defined by
X
X % (13)
y
= 14
V=5 (14)
== (15)

Cz

where xr and yg are channel lengths for fresh air and exhaust air (m).
Here xg=yr. Core depth, which determines the total number of
channels, is zg. The air side local number of transfer units is defined

by

1 (hA)

NTU: = 5 (oo 1o
1 (),

NTUe =5 (Gey). 1

where h is air side convective heat transfer coefficient
(kWm™2K™1); G is total air mass flow rate across the whole core
for a stream (kg/s); A is total transfer area including plates and fins
(m?) for each stream; ¢, is specific heat (k] kg~' K~1). Subscripts “f”
refers to fresh side and “e” refers to exhaust side; “pf” refers to plate
surface on fresh side, and “pe” refers to plate surface on exhaust
side.

As seen, in Egs. (16) and (17), the last term in the right hand side
is the overall number of transfer units for a stream. The local num-
ber of transfer unit is equal to the overall number of transfer units
divided by the local to overall mass flow ratio. Therefore, the local
number of transfer units is inversely proportional to mass flow ra-
tio. Local number of transfer units increases with decreased mass
flow rate.

The convective heat transfer coefficient can be calculated by
Nu = 1Pn (18)

/a
where J, is heat conductivity of air (k Wm~!K™'). For plate-fin
channels of finite fin conductance, the fully developed Nusselt num-
bers are influenced by aspect ratios (a/b), and fin conductance
parameters [10].
The fin conductance parameter for sensible heat transfer

_ Mindfin
ha(20)

Q (19)
where /g, is heat conductivity of fin, dg, is fin thickness (m), and
(2a) is channel height or pitch (m).

Heat conduction through the plate is in equilibrium with the
convective heat transfer on both sides. The equilibrium can be ex-
pressed by

o ey _Aphp o o

(hA)(T¢ = Typ) = %( ot ~ Tpe) (20)
A Apkp v o

(hA)e(Te - Tpe) = 7%(Tpf - Tpe) (21)

where A, is total transfer area (m?) of plates; 4, is heat conductivity
of plate (kWm 1K™ 1); dp is thickness of plate (m). In above two
equations, the right hand sides are heat conduction through plates.
They have the same value, but different signs. In the left hand sides,
the first equation represents convective heat transfer in fresh air
side, and the second equation represents convective heat transfer
in exhaust air side.
Heat exchanger effectiveness
(Gep)¢ (T — Tro) (Gep)e(Teo — Tei)

€= Gep)mn(Tn —Tet) ~ (Copln(Tr — Ter) @2)

When the two streams have the same mass flow rate

(Tﬁ - Tfo) (Teo - Tei)

&= =
(Tfi - Tei) (Tﬁ - Tei)

The exchanger thermal performance deterioration factor is de-
fined by

=T, (23)

Euni —&
T= uniform (2 4)
Euniform
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where Euniform

distribution.
Boundary conditions
Fresh:

is exchanger effectiveness at uniform flow

Ty

o =1 (25)

Exhaust:

Telyo=0 (26)

2.3. Solution procedure

A finite difference technique is used to discrete the partial
differential equations developed for the air streams. The calculat-
ing domain of core is divided into a number of discrete nodes. Each
node represents a control volume. The number of calculating node
is 50 in both x direction and y direction. Besides the discretisation
of energy equation in x and y directions, the whole core depth is
divided into 100 cells (z direction). Under this scheme, it is like that
the whole core is divided into 100 mini cross-flow heat exchangers
in core depth. For each mini cross-flow heat exchanger, the inlet
velocity varies with y direction for fresh air and x direction for
exhaust air, respectively.

An upstream differencing scheme is used for two air streams.
The two air streams and the plate are closely coupled in heat trans-
fer. Therefore, iterative techniques are needed to solve these equa-
tions. A description of the iterative procedure is as following:

(a) Calculate the mass flow rate distribution on core inlet faces
(x*=0, and y* = 0), based on the resistance of the core.

(b) Assume initial temperature fields in the two streams.

(c) Calculate the temperature values on plate surfaces by Egs.
(20) and (21).

(d) Taking the current values of temperature on plate surfaces
as the default values, get the temperature profiles in two
air streams by solving Eqs. (10) and (11). Substituting the
local mass flow rate distribution obtained in (a) into the
equations for both the fresh air and the exhaust air.

(e) Go to (c), until the old values and the newly calculated val-
ues of temperature at all calculating nodes are converged.

After these procedures, all the governing equations are solved
simultaneously. To assure the accuracy of the results presented,
numerical tests were performed for the core to determine the ef-
fects of the grid size. It indicates that 50 grids are adequate (less
than 0.1% difference compared with 80 grids) for z and y direction,
and 100 grids are adequate for z direction. The final numerical
uncertainty is 0.1%.

When the temperature fields in the exchanger core are calcu-
lated, the heat exchange effectiveness is calculated using mean

Nozzles
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outlet values on outlet face of x*=1 or y*= 1. These are numeri-
cally obtained data.

3. Results and discussion
3.1. Experimental validation

To measure the heat exchange effectiveness, several experi-
ments are done. A schematic of the test rig is shown in Fig. 5.
Two air ducts are assembled. One is for fresh air, and the other is
for exhaust air. Each duct comprises of a variable speed sucking
blower, a wind tunnel, a set of nozzles, wind straighteners, and
temperature sensors before and after the exchanger. The exchan-
ger is connected to the two ducts with flanges. The whole test rig
is established in a constant temperature and constant humidity
room, so the inlet temperature of the exhaust air, which equals
to the room air, can be controlled and maintained very well even
under very hot and humid ambient weather conditions. Additional
electric heating circuits are installed for the fresh air duct. The
heating power currents can be adjusted according to the fresh air
set points temperature. A 10 mm thick plastic foam insulation
layer is pasted on the outer surfaces of the ducts and the exchanger
shells to prevent heat dissipation from the system to the surround-
ings. The heat loss from the system is below 0.5%.

The nominal operating conditions: fresh air inlet 35 °C; exhaust
air inlet 27 °C. During the experiment, equal air flow rates are kept
for the two ducts. The design air flow rates are 150 m>/h. In the test,
they are changed by variable speed blowers, to have different air
velocities. Temperature and volumetric flow rates are monitored
at the inlet and outlet of the exchanger. Before and after each test,
temperature sensors are calibrated with a Pt-100 temperature sen-
sor. Hot-wire anemometers that are used to measure the wind speed
before and after the exchanger are compared with the air flow rates
measured by nozzles. The offset is controlled to within 1% limit. Vol-
umetric air flow rates are varied from 100 to 200 m>/h, correspond-
ing to frontal air velocities from 0.37 to 0.74 m/s which are typical
for commercial heat exchangers. Air flow under such conditions is
laminar, with Reynolds numbers not exceeding 200. The uncertain-
ties are: temperature +0.1 °C; volumetric flow rate +1%. The final
uncertainty is +4.5% for exchanger effectiveness. The fresh air and
exhaust air temperature change differences are controlled to be less
than 0.1%. From these preparatory works, the testrig is considered to
be reliable. In addition, heat balance between the fresh air and the
exhaust air are checked.

After the measurement of mean inlet and outlet temperature,
the exchanger effectiveness can be calculated with Eq. (22). This
is the experimentally obtained effectiveness.

Besides the measurement of inlet and outlet mean temperatures
of the whole exchanger, local velocities and temperatures are also
monitored through the data sampling holes drilled on the exchanger

Data sampling holes
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. = Nozzles
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Heat
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Fig. 5. Experimental set-up of the heat exchanger.
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shells, as depicted in Fig. 5. Temperature sensors or hot-wire ane-
mometers can be inserted into the holes to probe the parameters
near the outlet face of the core. The purpose is to validate the flow
and temperature distribution fields calculated with the model. To-
tally nine points are monitored on the outlet face. The positions of
the nine points (Position A-I) are shown in Fig. 6.

Two cores are obtained and tested. They are plate-fin structure
with sinusoidal duct crosssection. They are made with aluminum
foils as the plate and fin materials. The core depths are the same:
460 mm. Core A has 92 channels, and core B has 127 channels
for each stream. The channel pitch for core A is 2.5 mm, and the
channel pitch for core B is 1.8 mm. The geometrical and transport
properties have been listed in Table 1.

The heat exchange effectiveness of the two cores inserted in the
exchanger shell under various volumetric air flow rates are plotted
in Fig. 7. The measured data are demonstrated by discrete dots. The
calculated data are plotted by a solid line. The maximum deviation
between the calculated value and the measured data is below 5%,
indicating the performance is predicted satisfactorily. Due to the
compact structure and the high packing density, the heat transfer
area is very large. Therefore, the exchanger effectiveness is rather
high. The outside dimensions are then same, but Core A has 92 pas-
sages and core B has 127 passages. Core B is more compact than
core A, so the effectiveness of core B is higher than core A.

The fresh air duct and the exhaust air duct have the same flow
distribution. The local velocities on fresh air outlet (x* = 1) are mea-
sured through the data sampling holes on fresh air duct. At the
same time, local temperatures on exhaust air outlet (y*=1) are
monitored through the data sampling holes on exhaust air duct.
The data sampling points for temperature have the same definition
as in Fig. 6, but y axis is replaced by x axis. The temperatures and
the velocities are measured directly first, then they are trans-

o o cb1 =02
g O Fo-] 1*=05
L 47 A 791 y*=038

Fig. 6. The positions of data sampling points on the plane 1 mm above the core
outlet face.
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Fig. 7. Heat exchange effectiveness of the two plate-fin cores under various air flow
rates. The solid line is the calculated values, and the discrete dots are the measured
data.

formed to dimensionless, for ease in comparison. The local veloci-
ties are transformed to velocity nonuniformity based on Eq. (9) and
the temperatures are transformed to dimensionless temperatures
based on Eq. (12). Both the calculated data and the measured val-
ues are listed in Table 2. As seen, the predictions are generally well.
The difference of velocity is less than 8% and the disparity of tem-
perature is less than 4.8%. It can be observed from this table that
the velocity maldistribution on core A is much higher than that
on Core B. The highest nonuniformity is 2.33 on Core A, but only
1.24 on Core B. This indicates that the flow maldistribution on Core
A is very serious, but the flow maldistribution on core B is negligi-
ble. The higher the local mass flow rates are, the less the local
outlet temperature is. The methodology and the mathematical
model are accurate enough to predict the performance of the heat
exchanger with flow maldistribution. The precision for velocity is
0.001 m/s.

3.2. Flow maldistribution

The effects of the core channel pitch on flow maldistribution are
modeled. Three channel pitches are considered: 1.8 mm (B),
2.5 mm (A), and 4 mm (C). The core dimensions and other struc-
tural parameters are fixed as in Table 1. The profiles of velocity
nonuniformity on core outlet face for the three pitches are plotted
in Figs. 8-10. The total volumetric air flow rate for each stream is
150 m3/h, which equals to a mean face velocity 0.49 m/s or mean
duct velocity 0.98 m/s. The flow distributions on the core inlet face
are the same as those on outlet face, since only one dimensional
flow on channel length is permitted.

As seen from these figures, a general rule can be concluded: the
larger the channel pitch is, the more serious the flow maldistribu-
tion is. The maximum flow nonuniformity for 4.0 mm pitch core is
3.11, while only 1.234 for 1.8 mm pitch core. For all cores, the high-
est velocity exists at the center of the core face where the incoming
fluids impinge on the core directly. The least velocity exists on the
corners of the core surface, because here the pressure is the least.
As expected, the nonuniformity is symmetric to the plane z* = 0.5
due to geometric symmetry. However, due to the skew angle be-
tween the core face and the impinge flow, the nonuniformity is
asymmetric to plane y* = 0.5. These results indicate that the flow
maldistribution is co-determined by the inlet duct, the core and
the outlet duct. The core itself plays a determinant role in the flow
maldistribution. These components should be coupled together to
predict the flow maldistribution. The previous methodology of sep-
arating the core from the inlet duct has problems. Further, when
the core channel pitch is below 2 mm, a uniform flow distribution
can be assumed. This is easy to understand. A core with such small
channels is just like a flow straightener. Flow after such equip-
ments becomes uniform. On the other hand, flow maldistributions
on cores with channel pitches larger than 2 mm are very serious.
They should be taken into account.

The values of pressure drop illustrate this phenomenon. Table 3
lists the calculated pressure drop for three cores with channel pitch
1.8 mm (B), 2.5 mm (A) and 4.0 mm (C), respectively. The smaller
the channel is, the higher the pressure drop is. For the 1.8 mm
pitch, the pressure drop across the core accounts for 45% of the to-
tal heat exchanger pressure drop. For the 4.0 mm channel pitch
core, the core pressure drop only accounts for 3% of the total pres-
sure drop. Therefore for the large channel pitch cores, the flow dis-
tribution is mainly determined by inlet duct geometry since core
resistance is negligible.

Velocity vectors on plane y*=0.5 are plotted in Fig. 11. The
plane is cut at the center of the core. The channel pitch is
2.5mm and flow rate is 150 m3/h. As seen, the incoming air im-
pinges on the core face and some flow is driven by the core face
to the remote areas at corners. There are swirls generated before



Table 2

Local values of velocity nonuniformity and dimensionless temperature under V=150m>/h.
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Points Velocity nonuniformity, Dimensionless temperature, T*
Core A Core B Core A Core B
Calculated Tested Calculated Tested Calculated Tested Calculated Tested
A 1.156 1.234 0.954 0.967 0.634 0.625 0.949 0.917
B 2.616 2.533 1.264 1.235 0.562 0.547 0.921 0.897
C 1.156 1.245 0.954 0.936 0.634 0.618 0.949 0.913
D 0.418 0.425 0.917 0.924 0.561 0.581 0.79 0.782
E 2451 2.331 1.2 1.243 0.473 0.493 0.755 0.738
F 0.418 0.423 0.917 0.928 0.561 0.598 0.79 0.779
G 0.41 0.432 0.971 0.983 0.522 0.552 0.569 0.582
H 2.06 2.241 1.272 1.293 0.424 0.434 0.549 0.558
1 0.41 0.442 0.971 0.956 0.522 0.509 0.569 0.588
Table 3
Pressure drop for the three exchangers.
Channel pitch (mm) 1.8 25 4
V (m3/h) 150 250 150 250 150 250
Whole exchanger (Pa) 102.9 234.8 64.5 179.2 63.6 178.1
Core (Pa) 46.7 77.9 5.8 8.7 1.9 3.9
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Fig. 9. Velocity nonuniformity on core face, channel pitch = 2.5 mm.
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Fig. 10. Velocity nonuniformity on core face, channel pitch = 4.0 mm.

Fig. 11. Velocity vectors on plane y* = 0.5 (center plane in core).

the core face, which lead to flow re-distribution. The flow in the
core becomes somewhat uniform, due to this re-distribution. The
higher the core resistance is, the more serious the swirls are, and
the more homogeneous the flow redistributes.

Velocity also has an influence on flow nonuniformity. The flow
nonuniformity for 2.5 mm channel pitch under air flow rate
250 m3/h is plotted in Fig. 12. Comparing Fig. 12 and Fig. 9, it can
be concluded that the shapes of flow nonuniformity are similar.
However, the values are somewhat different. The higher the total
air flow rates are, the more inhomogeneous the flow becomes. In
Fig. 12, the nonuniformity at the face center becomes larger, but
those near the corners become less. At higher air flow rates, the flow
maldistribution becomes more serious.

3.3. Thermal performance analysis

With the heat transfer model, the local temperature on outlet
face of the core can be calculated. Let we assume that the whole
exchanger is divided into a number of mini exchangers in z direc-
tion. Each mini heat exchanger is an x-y cross-flow heat exchanger.
The outlet temperatures for each mini exchanger vary with x or y
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Fig. 12. Velocity nonuniformity on core face, channel pitch = 2.5 mm, V = 250m>/h.

directions. Therefore, outlet temperature for fresh air is two-
dimensional on z-y face, while outlet temperature for exhaust air
is two-dimensional on z-x face. As indicated in Eq. (23), the dimen-
sionless outlet temperature of exhaust air T*, represents an effec-
tiveness for local heat exchanger. We call this effectiveness the
local effectiveness, representing a channel to channel local heat
exchanger efficiency.

Figs. 13-15 show the local effectiveness for the three cores of
different channel pitches: 1.8 mm (B), 2.5 mm (A), and 4.0 mm
(C). As seen, for the homogeneous flow distribution on 1.8 mm core
(B), the local effectiveness iso-lines are nearly parallel to plates,
meaning the divided mini exchangers in core depth have the same
local effectiveness. Both the flow and heat transfer are uniform in
core depth. The flow is uniform in y direction, but the local effec-
tiveness is in the opposite. This is due to the cross-flow heat
exchange between the fresh air and the exhaust air, as in other
common cross-flow heat exchangers.

When the maldistribution becomes serious with increased
channel pitches, the local effectiveness becomes irregular. Gener-
ally, the higher the local velocity is, the less the local effectiveness
is. At the same time, the local effectiveness is also influenced by the
temperature difference between the two neighboring fresh air and
exhaust air. This results in a phenomenon that the local effective-
ness curves for 4.0 mm core is more complex than that for 1.8 mm
core.

For engineering applications, the overall effectiveness of the
whole exchanger is more significant. Fig. 16 depicts the exchanger
thermal performance deterioration factor under various air flow
rates for the three cores. As can be seen, the thermal performance
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Fig. 15. Local heat exchange effectiveness, channel pitch = 4.0 mm.

deterioration factor for the 1.8 mm (B) core is very small and the
performance deterioration can be neglected. However, for the
two cores with larger channel pitches (A and C), the performance
deteriorations are substantial. The thermal effectiveness is deteri-
orated by 10-20%. The more serious the maldistribution is, the
worse the performance is.

4. Conclusions

Flow maldistribution is a result of interactions between inlet
duct flow, flow in cores and flow in outlet duct. The core itself plays
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Fig. 16. Thermal performance deterioration factor for the three cores.
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a determining role in flow distribution. Previous studies have failed
to reflect this phenomenon. A detailed numerical modeling and
experiment is performed to study the flow maldistribution and
its effect on thermal deterioration. Following results can be found:

(1) For plate-fin compact heat exchanger cores, the channel
pitch determines how serious the flow maldistribution is.
When the channel pitch is less than 2 mm, the flow maldis-
tribution is very small and can be neglected. When the chan-
nel pitch is larger than 2 mm, the flow maldistribution
becomes serious and the nonuniformity problem should be
considered.

(2) Local heat exchange effectiveness is inversely proportional
to local mass flow rate. For the cores with larger channel
pitches, flow maldistribution generated thermal deteriora-
tion factors can be as high as 10-20%.

(3) The cores of small pitches have larger pressure resistance,
which could offset some degree of flow maldistribution that
is generated by irregular duct geometries like turnaround,
expansion, and contraction.
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